Despite extensive research into alternative methods, the internal combustion engine is expected to remain as the primary source of vehicular propulsion for the foreseeable future. There are still significant opportunities for improving fuel efficiency, thus directly reducing the harmful emissions. Consequently, mitigation of thermal and frictional losses has gradually become a priority. The piston-cylinder system accounts for the major share of all the losses as well as emissions. Therefore, the need for an integrated approach, particularly of a predictive nature is essential. This paper addresses this issue, particularly the role of cylinder liner temperature, which affects both thermal and frictional performance of the pistoncylinder system. The study focuses on the top compression ring whose critical sealing function makes it a major source of frictional power loss and a critical component in guarding against further blow-by of harmful gasses. Such an integrated approach has not hitherto been reported in literature. The study shows that the cylinder liner temperature is critical in mitigating power loss as well as reducing Hydrocarbon (HC) and Nitrogen Oxide (NOx) emissions from the compression ring -cylinder liner conjunction. The results imply the existence of an optimum range for liner working temperature, independent of engine speed (at least in the studied cases) to minimise frictional losses. Combined with the study of NOx and HC emissions, the control of liner temperature can help to mitigate frictional power loss and reduce emissions.
The effect of cylinder liner operating temperature on frictional loss and engine emissions in piston ring conjunction R 
h i g h l i g h t s
Cylinder liner temperature affects frictional losses. Optimum liner temperature improves energy efficiency and reduces emissions. Liner temperature is hardly affected by viscous shear of lubricant. This implies optimum conditions would be independent of engine speed.
Introduction
There are three main elements when optimising the performance of Internal Combustion (IC) engines in terms of improved energy efficiency. Firstly, it is important to reduce the thermal losses, which according to Richardson [1] account for 50-60% of all the losses. Secondly, frictional and pumping losses in load bearing conjunctions such as the piston-cylinder system, valve train and engine bearings represent 15-20% of all the parasitic losses. Nearly 45% of these losses can be attributed to the cylinder system, 30-45% of which is due to the ring-pack [1] . Therefore, the parasitic losses of the cylinder system account for 4-7% of the total fuel energy [1] [2] [3] . The main reason for low efficiency of engine powertrain systems is the non-optimal management of the energy conversion chain and subsequent dissipations [4] . Mitigating the sources of energy losses would improve fuel efficiency, which is a key driver in modern engine development. Finally, reducing emissions such as HC, NOx and particulates is also essential because of the environmental health issues, subject to a growing list of mandatory regulations and directives. These three aspects are increasingly and extensively studied.
To reduce the thermal losses, ideally the cylinder wall temperature should be maintained close to that of the in-cylinder gasses.
To a large extent, the cylinder wall temperature also determines the lubricant temperature in the contact of the top compression ring rather than any small rise due to the viscous shear heating of the lubricant in short transit times. This is shown by a recent analytical control volume, thermal mixing model by Morris et al. [5] . However, there are material and other economical cost limitations affecting the maximum attainable temperature of the cylinder liner. Cast iron and aluminium liners can operate with surface temperatures of 200-450°C [6] . Materials with lower thermal conductivity can operate at higher temperatures. However, usually cost implications impose a practical limit on the use of such expensive liner materials, except for the limited case of race engines. In addition, the heat transfer from the hot cylinder wall to the incoming air-fuel mixture prevents the use of some materials for spark ignition (SI) engines [6] . Furthermore, the above set of ideals cannot be assured under cold start-up conditions or with intermittent stop-start and other transient driving conditions, which are progressively prevalent.
With regard to the emission levels, Wang and Stone [7] showed that the cylinder wall temperature is a significant parameter influencing HC and NOx emissions from IC engines. It was shown that the HC emissions tend to reduce with a higher liner temperature, whilst the contrary is usually true of NOx emissions. Therefore, an optimum liner temperature should be sought, based upon a [8] .
Cylinder liner temperature has a significant role in thermodynamic control-oriented modelling of cycle-to-cycle exhaust gas temperature. Dehghani Firoozabadi et al. [9] have highlighted the importance of defining the cylinder wall temperature as a function of engine loading and coolant temperature to improve such models. Furthermore, according to Razmara et al. [10] , optimal control of IC engines both in transient and steady-state operation can be achieved through an availability or exergy-based analysis. Such an approach considers main sources of exergy losses, including combustion irreversibility, heat loss and frictional losses. This control approach can potentially lead to about 6-7% saving in fuel consumption compared with other more conventional control methods.
The current paper attempts to address the issue of frictional losses particularly in the top compression ring-cylinder liner conjunction, which accounts for 1-3% of the fuel consumption [1] . This is mainly due to the requirement for good circumferential conformity of the ring to the cylinder liner surface in order to ensure its primary function of sealing the combustion chamber. The study demonstrates the effect of liner temperature on the frictional losses of this conjunction.
The sealing function of the compression ring needs to be retained to guard against loss of power and ingression of combustion by-products into the bottom end of the engine. Effective sealing has the drawback of increased friction. Therefore, improvement of tribological performance of the compression ring poses a significant challenge. One reason for this is the plethora of interacting parameters which need to be addressed simultaneously. These include the ring's contact face-width geometry and its surface topography [11] , mechanical and thermal properties of any hard wear-resistant coating, ring's elastodynamics [12, 13] and the lubricant rheological properties, as well as the influence of various lubricant additives. This list of parameters is not exhaustive, thus making the full analysis very complex. For this reason, many researchers have focused on particular tribological phenomena. For instance, Arcoumanis et al. [14] , Han and Lee [15] , Priest et al. [16] , Sawicki and Yu [17] and Shahmohamadi et al. [18] have paid particular attention to various lubricant cavitation models. This affects the load carrying capacity of the conjunction as well as the generated friction and heat transfer. Hu et al. [19] , Ma et al. [20] and Rahmani et al. [21] studied the ring-liner conjunction with an emphasis on bore circumferential out-of-roundness, distortion and the ability of the ring to conform to such distorted geometries. The effect of surface topography has also been studied by Michail and Barber [22, 23] , Bolander et al. [24, 25] and Morris et al. [11] . Although many important findings have emerged from these studies, they mostly relate to assumed isothermal conditions, except for Morris et al. [5] and Ma et al. [26] who adjusted the lubricant temperature and that of the liner surface.
Richardson and Borman [27] reported a combined numericalexperimental investigation of boundary conditions using a reciprocating test rig, as well as a motored engine to study the effect of lubricant temperature due to viscous shear heating at different sliding speeds for different lubricants. The results showed that although at a lower liner temperature of 40°C and speed of 2000 rpm a rise of about 5-10°C was noted, at higher surface temperatures (100°C and above) the viscous shear heating accounted for less than 2°C. This finding is in accord with the combined solution of Reynolds equation and control volume analytical thermal mixing model of Morris et al. [5] . They indicate that measured liner surface temperature can be used for predictive analyses under the usual engine running conditions. Richardson and Borman [27] , however, did not include the effect of variations in the liner temperature at various engine running conditions and its influence upon the ensuing frictional losses. Ma et al. [26] considered the influence of cylinder wall temperature on friction in piston ringcylinder liner contact using a one-dimensional mixed lubrication average flow model. The variations of minimum oil film thickness and friction with the average liner surface temperature was investigated. It was shown that minimum friction occurs for liner temperatures in the range 140-150°C, with the higher contribution being due to viscous friction. However, at the higher liner temperature range of 160-170°C, asperity friction accounts for the main contribution to the total generated friction.
It is clear that an increase in lubricant temperature, governed in the most part by the liner surface temperature reduces the viscous friction. However, at piston reversals with a low sliding velocity, an increasing boundary friction accounts for the main contribution to friction, and there is reduced dependence on liner surface temperature. A recent study by Mufti et al. [28] has shown that the rise in power losses above a certain temperature due to asperity interactions can be quite significant. In addition, oil temperature variations interfere with the cooling fluid temperatures due to its faster dynamics [29] . Therefore, there should be an ''optimum" liner working temperature for given engines to minimise the overall cyclic nature of frictional losses due to both viscous and boundary contributions. The liner temperature and subsequent implications on the engine friction is also closely related to the choice of lubricating oil grade and its additive package, which can affect, for instance, PM emissions from the engines [30] . The current study focuses on predicting such an ''optimum" working liner temperature for a high performance 12-cylinder, 4-stroke naturally aspirated gasoline engine. The findings are compared with some of the aforementioned studies.
Theory

Pressure distribution
The pressure distribution in the ring-liner contact is obtained through solution of Reynolds equation:
It is assumed that there is no side leakage of the lubricant in the circumferential direction, and where DU is the piston sliding speed [31] :
where u is the crank-angle, l is the connecting rod length, r the crank pin radius and x is the engine rotational speed.
For boundary conditions, the lubricant inlet and exit pressures are set to in-cylinder and crank case pressures respectively, depending on the piston motion. The variations of in-cylinder pressure at two different engine speeds have been measured (Fig. 2) , using a spark plug-type Kistler pressure transducer fitted into the combustion chamber.
Boundary conditions
Swift-Stieber exit boundary conditions have been used to determine the position of lubricant film rupture and the onset of cavitation. In the numerical solution of Reynolds equation, pressures below the lubricant vaporisation pressure are set to the cavitation pressure. This action fulfils the zero pressure gradient condition at the lubricant rupture point as required by the Swift-Stieber conditions (Christopherson [32] ). It is also assumed that the pressure throughout the cavitation region remains unaltered. However, for the lubricant to be able to exit from the conjunction, the pressure at the exit should at least be equal to the ambient pressure. In the ring upstroke motion, for example in the compression stroke, the pressure at the conjunctional exit is the measured in-cylinder pressure. Therefore, the lubricant pressure must ascend to the incylinder pressure at the contact exit. Elrod's reformation model can predict the rise of the lubricant pressure at the exit boundary [33] . A multi-phase solution, using Navier-Stokes, energy and vapour transport equations is provided by Shahmohamadi et al. [18] . Implementing the method outlined by Christopherson [32] ensures that the pressure at the exit becomes that of the outlet pressure, although the gradient of pressure rise from the cavitation pressure to that of the outlet pressure is different from that predicted by Elrod [33] . A further discussion on this issue is provided in Han and Lee [15] .
The pressures at the ring edges in the circumferential direction are set to the ring end gap pressure which is estimated to be the average of the in-cylinder and crank case pressures.
Lubricant rheology
For lubricant density, a modified version of Dowson and Higginson [34] relationship is used, to include the effect of temperature (Yang et al. [35] ):
The lubricant viscosity variation with pressure and temperature is given as [36] : 
The lubricant properties used in the current study are listed in Table 1 .
Ring profile and film shape
The gap between the ring and the liner is in general defined as: hðx; y; tÞ ¼ h m ðtÞ þ SðxÞ þ dðpÞ þ Dðy; tÞ ð 5Þ
Due to the relatively low pressure values in the ring-liner contact (of order of a few hundred MPa) no localised deformation of the contiguous surfaces is expected (Mishra et al. [37] and Ma et al. [20] ), thus: d = 0.
The variation of the ring-liner gap in the circumferential direction, D, is the result of its thermo-elastic distortion and/or elastodynamic behaviour (ring modal action). These effects are ignored in the current analysis, which are described by Tian et al. [12] and Baker et al. [13] . Additionally, in practice the bore is not an idealised right circular cylinder. This, together with the thermo-elastic distortion of the liner (Littlefair et al. [38] ) affects the underformed gap between the ring and the liner. A representative analysis is reported elsewhere by Rahmani et al. [21] . The current analysis assumes an idealised circular cylindrical bore with insignificant thermo-elastic deformation, thus: D = 0.
To reflect real working conditions, a run-in ring profile was measured using an optical Talysurf. Then, a 6th-order polynomial was fit to the measured profile (see Fig. 3 ).
The 6th-order polynomial fitted ring contacting profile is expressed as:
where the units of x and S are millimetres and micrometres respectively.
Surface topography and asperity interactions
A mixed lubrication regime usually occurs after k = h/r < 3. Thus, a proportion of the load is carried by the direct interaction of asperities on the counter-face surfaces. The Greenwood and Tripp [39] model is used to describe the load carried by the asperities. The underlying assumption here is that the cross-hatched surface of the cylinder liner can be assumed to embody a Gaussian distribution of asperity heights, which is not the case in practice as noted by Michail and Barber [22, 23] . However, engine testing results by Gore et al. [40] have shown that after the initial running-in period, a plateau surface is achieved where the roughness on the plateau can be represented by a Gaussian distribution with its Rk value and little change in the depth of the crosshatched valleys occur. Therefore, the present analysis represents the contact of ring with the cylinder liner plateau after running-in.
Elemental loads carried by an area of asperity tip contacts, dA = dx.dy is obtained as [39] :
The statistical function F 5 / 2 is representative of an assumed Gaussian distribution of asperities in terms of k. Since two contacting surfaces (the ring and the liner) are rough, a method described by Arcoumanis et al. [41] is used to describe the composite roughness parameters fjr (known as the Tabor's roughness parameter) and r/j, which is representative of the combined asperity slope [42] .
The surface topography of the ring face-width and the liner were measured using the white light interferometer, Zygo. The acquired topographical data was used to obtain the second and fourth spectral moments of each surface topographical trace. These were subsequently used in the composite form, representing an equivalent rough surface contacting a smooth plane. Then, the required parameters f and j are calculated as [41] :
and:
The results obtained from the measurements and the subsequent calculations of surface topographical parameters are listed in Table 2 . 
Load carrying capacity
The total load carrying capacity (contact reaction) is obtained by summing the contributions due to hydrodynamic pressures and asperity interactions as:
Ignoring any loading due to the ring's inertial radial motion, the contact reaction should instantaneously balance the applied load on the ring-liner contact as the result of ring fitment (ring tension) and gas pressure loading [21] . The gas pressure acts behind the inner rim of the ring. Both the gas force and the ring tension strive to press the ring to the surface of the liner. Thus:
To calculate the exact gas pressure behind the ring, a gas blowby model such as those developed in [26, 43] is required. In the current study, it is assumed that the total combustion gas pressure acts behind the top compression ring. As the result of this assumption the chance of boundary friction contribution is increased.
Conjunctional friction and power loss
There are two contributions to the overall ring-liner friction. These are as the result of viscous shear of a lubricant film and any direct interaction of asperity tips on the counter face surfaces. Viscous friction is obtained as:
where the viscous shear stress acting on the liner surface is:
The elemental viscous shear contact area is:
where the elemental asperity area of contact is obtained from Greenwood and Tripp [39] :
The boundary friction force is expressed as:
Eq. (16) assumes that the asperities are wetted by adsorption of an ultra-thin film of boundary active molecules within the lubricant. Briscoe and Evans [44] assume that a thin adsorbed film of boundary active lubricant species is subject to non-Newtonian shear. This non-Newtonian shear behaviour commences at the Eyring shear stress of the lubricant; s 0 .
The statistical function F 2 (k) is representative of an assumed Gaussian distribution of asperities in terms of k [39] . Various values for the pressure coefficient of boundary shear of asperities, 1 are used in the literature. This parameter is closely related to the surface material and topographical properties. For the employed ring in the current study a specific value for the pressure coefficient of boundary shear strength of asperities is obtained as 1 = 0.14 through use of atomic force microscopy in lateral force mode as described by Styles et al. [45] .
The total power loss at each crank angle is therefore, obtained as:
The top ring Friction Mean Effective Pressure (FMEP) can also be calculated as follows (Sui and Ariga [46] ):
where the cylinder swept volume is:
In addition, the lubricant mass flow rate in the axial entrainment direction and at any cross-section is obtained as:
Method of solution
To obtain the pressure distribution, Reynolds equation (1), lubricant rheological state Eqs. (3) and (4) and the film shape (5) are solved simultaneously by iteration. Appendix A provides the details of the discretised equation. Pressure at any computational node is obtained through finite difference Point Successive OverRelaxation (PSOR) iterative method described by Hoffmann and Chiang [47] . PSOR is a variant of general Successive OverRelaxation (SOR) methods. It is principally a variant of the GaussSeidel iterative method for solving a linear system of equations which results in faster convergence. In this method, at each iteration step, the data at each computational grid point is updated by using more than 100% of the newly obtained data for that point (over-relaxation). This is unlike the under-relaxation methods, where a percentage of the newly obtained data for each grid point is taken to the next iteration, which adds to the computational time. The pressure for each node is updated using an under/overrelaxation method:
For the current problem an over-relaxation factor of c = 1.784 was found to be the optimum.
Since the lubricant rheological parameters are functions of pressure, in each pressure iterative cycle, the lubricant density and viscosity are also updated accordingly.
The pressure convergence criterion is:
At any given crank angle u, force balance on the ring is sought, using the convergence criterion:
If this criterion is not met, then the minimum film thickness is adjusted as described in [21] : 
and the entire pressure and load iterations are repeated. A damping coefficient of n = 0.05 is used to achieve faster load convergence, whilst avoiding numerical instability. Finally, to ensure a periodic engine cycle the following condition must also be satisfied:
À3 ð25Þ
Friction and frictional power loss is obtained after the convergence criteria are met at each step of simulation (i.e. crank angle location).
Further details on the numerical model and solution methodology can be found in [21] .
Results and discussion
A series of simulations have been carried out, using the input data in Tables 1 and 2 and the engine operating conditions in Figs. 1 and 2. A series of results were obtained at three operating liner temperatures of 40, 80 and 120°C. These temperatures were chosen for the simulation studies as they represent the lubricant condition in fast transit through the contact and in line with the findings of Morris et al. [11] . These engine speed-liner temperature combinations also correspond to the low speed NEDC (New European Drive Cycle), from cold running, through transient conditions (from cold start to hot cycle) and onto the hot low speed conditions, all typical of urban driving situations. The NEDC is a standard test for the evaluation of emission performance of vehicles [48] . The engine pressure measurements at both speeds are taken at 100% throttle. Considering a relatively higher idle speed for high performance engines, the conditions at full throttle and lower speed with low temperatures represent the cold start phase. At higher temperatures this will correspond to stop-start conditions typical of urban driving cycle in congested traffic. The higher speed at 100% throttle and mid to higher temperatures is intended for the transient part of the NEDC in urban driving cycle. Fig. 4 shows the predicted variation of minimum film thickness for the studied ring profile (Fig. 3) at the engine speed of 1500 rpm and three different liner temperatures. The boundaries between various regimes of lubrication k P 3 (hydrodynamic), 1 6 k < 3 (mixed regime of lubrication) and k < 1 (boundary regime of lubrication) are also shown in the figure. For most of the engine cycle, the ring-liner contact is predicted to operate in the hydrodynamic regime of lubrication, particularly at mid-stroke piston location during a typical 4-stroke engine cycle. However, at the higher temperature of 120°C, the lubrication regime remains mixed during the power stroke, even at the piston mid-span position.
Friction and power loss
As the ring approaches reversals, the regime of lubrication tends to become mixed, and just after the Top Dead Centre (TDC) reversal it is dominated by direct boundary interactions, particularly at the higher liner temperatures of 80 and 120°C. At the lower temperature of 40°C, aside from the transition from the compression to the power stroke at the TDC, the regime of lubrication remains hydrodynamic because of the higher lubricant viscosity at a lower liner temperature. As the inset to Fig. 4 shows, overall, the dominant regime of lubrication is mixed. No instance of purely boundary regime of lubrication is encountered. Therefore, boundary contribution to friction would be as the result of wet asperity tip pair interactions as described above.
The predicted changes in the minimum film thickness at several key locations during the engine cycle are shown in Fig. 5 . Each curve in Fig. 5 shows the percentage reduction in the minimum oil film thickness as the temperature increases. The percentage reduction in minimum film thickness with temperature rise from T 1 to T 2 is calculated as:
Fig . 5 shows the percentage reduction in the minimum oil film thickness (MOFT) as the result of an increasing contact temperature rise at mid-compression stroke (i.e. u = À90°) and at the TDC in transition from the compression to power stroke (i.e. The results show that a 100% rise in temperature from 40 to 80°C and a 50% temperature rise from 80 to 120°C yield relatively similar reductions in the MOFT of about 40-55% at both mid-stroke locations (u = À90°and u = 90°) for the chosen speeds. On the other hand, the minimum film thickness does not alter much with the rise in temperature from 80 to 120°C at the TDC (i.e. u = 0°), whereas a temperature rise from 40 to 80°C can significantly reduce the MOFT especially at the higher speed. This suggests that as long as a hydrodynamic and to some extent a partial film prevail at the TDC, the MOFT would be quite sensitive to any variations in the liner temperature. Once the prevailing regime of lubrication tends to boundary, any variation in the lubricant temperature has virtually no effect upon the MOFT. The variation in film thickness at the Detonation Point (DP) corresponding to u = 23°d epends upon the regime of lubrication there. The results shown in Fig. 5 indicate that higher minimum film thickness values can be observed at lower temperatures for most of the engine cycle. This is attributed to the higher lubricant viscosity at lower temperatures. Since the same contact load is supported at each crank angle for all the three operating temperatures, then under a purely hydrodynamic regime of lubrication thinner films would result. Therefore, working at higher temperatures would be beneficial from the oil transport perspective, as well as reduced viscous friction (lower viscosity). This can also help in reducing the amount of lubricant evaporated from the cylinder liner surface. However, at the same time this approach may affect the heat transfer from the combustion chamber to the cylinder wall and marginally increase the direct boundary interactions. Consequently, a trade-off between oil evaporation/consumption, heat transfer and increased friction due to asperity contact should be sought.
The predicted and observed reduction in the minimum oil film thickness at mid-stroke, associated with the rise in oil and liner temperature, from the current study and those reported in open literature [20, 26, 49] are shown in Fig. 6 . It is noted that since the results are for different engines at different working conditions, the comparison only focuses on the varying trends rather than a quantitative comparison. It can be seen that the general trend is very similar in all these cases. It can also be concluded that after a certain rise in temperature, the reduction in the minimum film thickness becomes insignificant. This would occur when the prevailing regime of lubrication is mixed. Fig. 7 provides a comparison for the lubricant mass flow rate from the ring mid-cross-section at the three studied temperatures for two different engine speeds. The reduction in oil flow rate with increasing liner temperature seems to be independent of the engine speed. For instance, an increase in the temperature from 40 to 80°C reduces the flow rate by around 50% at both 1500 and 2500 rpm engine speeds. Additionally, a 50% increase in the working temperature from 80 to 120°C reduces the flow rate by 42% at both these speeds.
A closer examination shows that the mass flow rate is more sensitive to the variation in the engine speed under hot working conditions. This is shown in Fig. 8 , where a rising mass flow rate is predicted with an increasing engine speed at higher operating temperatures. It is also interesting to note that a 67% increase in engine speed causes a twofold rise in the lubricant flow rate at all studied working temperatures.
If hydrodynamic conditions were to prevail with an increasing engine speed at any given temperature, the increased lubricant flow rate should comply with the ratio of sliding speeds (the tested engine speeds) which is 1.67. Therefore, a progressive increase in the flow rate with temperature indicates improved lubricant availability to enhance hydrodynamic lubrication, but may result in an increased oil loss. Fig. 9 shows the variations in the generated total friction (viscous and boundary) during the entire 4-stroke engine cycle at Fig. 6 . Predicted and measured reduction in minimum oil film thickness at midspan with rising operating temperature at different engine speeds. Fig. 7 . Cyclic average lubricant mass flow rate at ring mid cross-section for three different liner temperatures and selected engine speeds. Fig. 8 . Ratio of lubricant mass flow rate at the ring mid cross-section at 2500 rpm to that at 1500 rpm at three different liner temperatures. Fig. 9 . Variations of (a) total friction for an engine cycle and (b) boundary friction in transition from compression to power strokes at three different working temperatures and at 1500 rpm. the engine speed of 1500 rpm and for all the three studied liner working temperatures. Fig. 9(a) shows that the total friction is higher during the power stroke at all the three studied temperature.
The maximum total friction occurs in the power stroke between the positions of piston reversal and the mid-span with high-peaks around the Detonation Point (DP) (Fig. 9a) . This is because of the higher applied pressures in this region. The position of maximum friction differs according to the engine speed and the liner working temperature, which also affects the film thickness and the lubricant viscosity. In short, it is a function of viscous shear (Poiseuille and Couette contributions) as well as some elements of boundary friction shown in Fig. 9(b) . Table 3 lists the extent of boundary friction contribution and the total friction predicted for the engine speed of 1500 rpm with different liner working temperatures.
From the results of Fig. 9 , it is clear that after the maximum combustion pressure, friction dramatically reduces for the higher liner temperatures. In fact, after the crank angle of 30°, the effect of viscous shear becomes dominant. At around mid-span in the power stroke, friction for the working temperature of 120°C is the lowest of all the investigated conditions. This is the zone in which the viscous friction is dominant and thus with the higher temperature, lower viscous shear stress and subsequently lower viscous friction would be expected. Fig. 10 compares the cycle average viscous, boundary and total friction for the three studied operating liner temperatures and at two chosen engine speeds. At the lower temperature of 40°C (representing cold NEDC) there is little contribution due to boundary friction, mainly on the account of higher lubricant viscosity, and thus higher load carrying capacity. The contrary is true at the high liner temperature of 120°C. In addition, a linear relation between the boundary friction and temperature is observed. Overall, the boundary friction remains higher for the lower speed of 1500 rpm at all temperatures, clearly because of lower speed of entraining motion of the lubricant into the contact. Viscous friction is higher for engine running at the higher speed of 2500 rpm because of a higher shear rate, although the difference in viscous shear diminishes between the two engine speeds as the liner temperature rises. This clearly indicates that the lubricant viscosity plays a significant role. The variation of total friction is an amalgamation of these two mechanisms of generated friction (viscous shear of the lubricant and boundary interactions). Therefore, an optimum cycle average total friction condition at each engine speed can be identified in the figure. This trend is the same as that predicted by Ma et al. [26] , also shown in Fig. 10 , but clearly for a different engine and operating conditions. The prevalence of boundary friction at lower temperatures, compared with the results in [26] can be attributed to the overestimation of the contact load in the current study, where it is assumed that the pressure loading of the ring is assumed to be due to the entire combustion pressure. Use of a gas blow-by model such as that in [26, 43] can alleviate this problem.
The frictional power loss from the piston compression ring in a complete engine cycle is shown in Fig. 11 . A sharp rise in power loss occurs following the rise in combustion chamber pressure just after the TDC reversal (at the crank angle of 0°), and particularly at the higher liner temperatures. There is also a higher rise with increasing engine speed as well as a greater boundary contribution in this region as already described above. The dominance of losses in this region of the engine cycle provides an opportunity for some palliative measures such as localised surface texturing of liners in order to reduce the effect of boundary friction [45] .
The crank angles at which the peak power loss occurs as well as its corresponding value are listed in Table 4 . Fig. 12 compares the cyclic average power loss for two engine speeds at three studied liner operating temperatures. At the operating temperature of 80°C the minimum power loss occurs for both the studied engine speeds. In addition, despite the high peak power loss at higher temperatures (Fig. 11), Fig. 12 indicates that the overall cyclic average power loss is greater at the 40°C operating temperature. This indicates the dominance of viscous friction.
A key observation from Fig. 12 is that at 80°C and low engine speed, the power loss is 28.6% and 16.3% less than those at 40 (with Table 3 Crank angles with boundary friction at the TDC (from compression to expansion strokes) and peak friction values. Fig. 10 . Variations of predicted total, viscous and boundary friction contributions with temperature from current study and those from [26] . higher HC) and 120°C (with higher NOx) respectively. Therefore, the increased power loss in the cold and hot steady state conditions give rise to increased fuel consumption and harmful emissions, which is in fact the basis for the NEDC. The steady state cold and hot parts of NEDC are at low vehicle speed (low gear), corresponding to the conditions reported in the current study. Fig. 13 shows the effect of an increase of 67% in engine speeds on power loss at the 3 liner temperatures. It can be observed that an increase of twofold in power loss is predicted at 40°C. At higher temperatures the increase in frictional losses is reduced. At 120°C, the increase in the power loss is almost proportional to the increase in the engine speed (i.e. 58%). These conditions represent idling or low speed manoeuvres in congested traffic. The results also indicate reducing dominance of in-cycle viscous friction with an increasing liner temperature. A comparison of variations in power loss with temperature between the current study and that of Mufti et al. [28, 50] is shown in Fig. 14 . The results of Mufti et al. [28, 50] are for the entire piston-cylinder system (piston skirt and the ring-pack). Therefore, the aim here is only a qualitative comparison. It demonstrates that an optimum operating liner temperature may be obtained for minimum power loss. The results suggest that for all the studies shown in the figure an optimum liner temperature exists independent of the engine speed. Clearly, optimum cylinder liner temperature varies with engine operating conditions and the combustion process. Nevertheless, an implication of these findings is that the liner cooling can be controlled for the operating range of an engine in a bespoke manner in order to ''optimise" the in-cycle frictional losses.
A more direct comparison with other studies for ring-liner tribological performance can be made in terms of FMEP as shown in Fig. 15 , using Eq. (17) . The results in Sui and Ariga [46] are for all the ring-pack, including 2 compression rings and an oil control ring. It is also based on the oil sump temperature, rather than the liner operating temperature. They showed that the lowest FMEP values occur at the highest measured temperatures and for all the engine speeds. Therefore, for the temperature range 80-100°C, a trade-off between boundary and viscous friction for minimum FMEP was reported. Based on the results of the current study a slight rise in the FMEP may occur at higher operating temperatures, although the study of Sui and Ariga [46] did not extend to higher temperatures in order to ascertain this.
Fuel consumption
The total energy released by the combustion of fuel, E f , in each engine cycle can be expressed as:
where, m f is the mass of the input fuel injected into the combustion chamber in each cycle and Q LHV is the lower calorific value of the fuel which is normally considered to be 45 MJ/kg. The total energy lost through generated friction in the top ringliner contact, E l , is:
where,
The percentage total energy lost due to friction in the top compression ring conjunction can, therefore, be calculated using the above relations. Fig. 16 shows the percentage fuel energy loss by Fig. 12 . Cyclic average total power loss at different liner operating temperatures and at two engine speeds. Fig. 13 . Ratio of total power loss at 2500 rpm to that at 1500 rpm for different liner temperatures. Variations of predicted power loss with temperature from current study and those measured in [28, 50] . Fig. 15 . Variations of FMEP with temperature from current study and those measured in [46] . the top ring conjunctional friction at various liner temperatures and engine speeds.
It can be seen that at the liner temperature of 80°C, the frictional energy loss is at its minimum. The reduction in fuel consumption when the operating temperature rises from 40 to 80°C is in line with the observation made by Di Battista et al. [29] , where a reduction in fuel consumption could be achieved by pre-heating the oil at the first part of the NEDC cycle.
The results also suggest that as the liner temperature rises, the effect of engine speed becomes less prominent. This is partly due to the reduced viscous friction and partly due to the reduced heat loss. For a 12-cylinder high performance engine (with the representative top compression ring as in the current study), the fuel energy loss due to the ring pack in an engine cycle is predicted to be approximately 3-4% of the input fuel, which is in line with the findings of Richardson [1] .
Analysis of thermal losses
Although the main focus of this study is the effect of liner temperature upon frictional losses and fuel consumption from an IC engine, it is also interesting to investigate briefly the rate at which the thermal losses are reduced as the liner wall temperature rises. This simple method eliminates the need for a lengthy, cumbersome Computational Fluid Dynamics (CFD) and thermodynamic analyses (e.g. see [51, 52] ), even though such an analysis would provide more detailed and accurate predictions.
The thermal losses due to the heat transfer from the cylinder can be calculated as:
Using this relationship, it is possible to calculate the percentage change in the rate of thermal loss for different liner wall temperatures at any given crank angle position. As the coefficient of convective heat transfer, surface area of combustion chamber and in-cylinder gas temperature are independent of the assumed wall temperature, the rate of heat loss at two different assumed liner wall temperatures can be obtained as:
The gas temperature can be evaluated using the ideal gas model:
The variations in the in-cylinder gas pressure are shown in Fig. 2 . The instantaneous volume of combustion chamber at any crank angle is:
In order to provide a relatively rough estimate of the cylinder wall effect on the thermal losses, a simple set of calculations can be made. Fig. 17 shows the predicted in-cylinder gas temperature during the power stroke at two different engine speeds. It is evident that the predicted results slightly overestimate the real average gas temperature in the cylinder. This is expected due to the use of the ideal gas law as well as the assumed in-cylinder gases as air (i.e. R g = 287 J/kg K). For simplicity, it is also assumed that the mass of the cylinder content remains constant during the entire power stroke. Despite the over-estimation, the predicted trends should not be affected, when using Eq. (31) .
Using the predicted gas temperature, it is possible to calculate the reduction in the thermal losses as the liner temperature increases (Eq. (31)) as shown in Fig. 17 . For instance, Fig. 18 shows the percentage reduction in the thermal losses during the power stroke for the studied engine, if the liner temperature were to rise from 70 to 80°C.
As Fig. 18 shows the reduction has a minimum value, where the gas temperature is at its peak value (Fig. 17) , when the piston is in the vicinity of the Bottom Dead Centre (BDC) and the gas temperature is reduced significantly.
The percentage average reduction in thermal loss in power stroke with a 10°C gradual increase in the liner temperature, commencing from a start-up condition of 40°C is shown in Fig. 19 . At the lower speed of 1500 rpm an incremental rise in the liner temperature has a larger influence on the thermal losses. The results are a good indication of poorer combustion efficiency, thus increased emissions at lower temperatures, which also lead to poorer fuel efficiency as already discussed. This is the reason for the NEDC emphasis at low temperature, low speed conditions.
The results in Fig. 19 show that in general, there is no specific optimum liner temperature such as that found in the study of frictional losses. The higher the liner temperature, the lower the thermal losses and the optimum liner wall temperature is determined by other parameters such as material and thermal stress limits when only thermal losses are taken into account.
A discussion on the emissions
The current study focuses on the liner temperature effect on frictional losses from the top compression ring/liner contact. The effect of liner wall temperature on the thermal losses was also briefly discussed. The study of emissions for the current engine is also important and warrants an in-depth study of its own. A recent study by Wang and Stone [7] has specifically investigated the liner wall temperature effect on the HC and NOx emissions from an IC engine (in addition to the thermal losses) by experimental means.
Wang and Stone [7] have shown that the HC emissions reduce as the liner wall temperature rises whilst at the same time the NOx emissions increase due to rise in unburned gas temperature at the start of compression stroke which results in an increase in the maximum burned gas temperature. According to Wang and Stone [7] the rise in NOx emissions is more sensitive to liner temperature at higher loads and speeds. Therefore, a lower average liner temperature would not only reduce the total power loss from piston ring/liner contact, but it would also reduce the rate of NOx emissions, particularly at high speed and load conditions. Their results show that an optimum liner temperature exists at which, a certain trade-off between various forms of emissions can be sought.
Conclusions
The tribological performance of top compression ring/cylinder liner contact for a high performance V12 4-stroke naturally aspirated engine at various lubricant-liner working temperatures is studied through numerical analysis. The studied average liner temperatures correspond to conditions of the NEDC for urban driving conditions. In general, higher minimum film thickness values are predicted for lower liner temperatures for most of the engine cycle, which is attributed to higher viscosity. It is concluded that working at higher temperature (lower lubricant viscosity) is beneficial for reducing oil transport to the combustion chamber, which can help in reducing lubricant evaporation within the chamber, thus reducing unburnt HC emissions. Consequently, a trade-off between oil evaporation (and consumption), heat transfer and increased friction and wear due to asperity interactions can be sought. The results also indicate that the existence of optimum liner working temperature, independent of engine speed (at least in the studied cases). This finding suggests that control of liner temperature can mitigate frictional power loss whilst guarding against exacerbated thermal losses. One practical implication of this finding is to operate engines at higher combustion temperatures, as this is mainly responsible for the cylinder liner operating temperature as shown by Morris et al. [5] . Many cylinder liners in high performance engines are nowadays coated with ceramic wear resistant coatings such as Diamond Like Carbon (DLC). These have poorer thermal conductivity, thus a higher operating temperature, which can suit the findings of the current study.
It is also noted that reduction in lubricant flow rate through increased liner working temperature seems to be independent of engine speed, although the oil mass flow rate itself is more sensitive to the variation in the engine speed.
These findings as well as predicting the regions of contact, where there is a greater propensity of asperity interactions, would allow prescription of localised surface treatment, such as coatings and surface texturing.
Finally, it is shown that an optimum average liner working temperature may be sought to minimise energy losses as well as emissions, particularly under urban driving conditions. Therefore, it is suggested that in the efforts made in developing control-oriented thermodynamic and emission models such as that in [53] , a combined tribological analysis presented in this study with study of emissions as reported in [54] can provide a thorough understanding of the optimum engine working conditions. All three aspects of thermodynamics and heat transfer, adverse emissions and mechanical frictional losses are incorporated in the current study with their complex interactions, an approach not hitherto reported in literature.
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